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Abstract In this study, we present measurements and calculations of friction energy loss
in the crank train of a light-duty vehicle diesel engine. The main objectives are to estimate the
friction loss of each engine component and demonstrate the validity of our MATLAB-based
friction modeling method. Friction measurement results obtained through a strip-down method
are utilized to separate the entirety of engine friction loss into individual components group. The
results from measurements and calculations are compared to verify our friction model. The
model considers the lubrication for crank train components through the solution of Reynolds
equations. Our friction modeling method is used to analyze the friction characteristics of piston
rings, skirts, and main journal bearings with engine load variation. The numerical results show
that the friction loss is increased under the high load condition because the contact friction is
occurred due to the effect of reduced oil thickness. The experimental results for the variant
temperature of the oil and coolant show that lower oil temperature increases the oil viscosity, so
it affects the friction increasing.

1. Introduction

Automotive manufacturers are developing high-efficiency engines to meet strict emission
regulations. Since the thermodynamic work performed by the engine is subject to thermal and
mechanical energy losses, it is important to reduce energy losses to improve internal combus-
tion engine efficiency [1]. There are many strategies for reducing energy loss in internal com-
bustion engines, including novel combustion technology such as homogeneous charge com-
pression-ignition (HCCI), various fuel injection strategies, waste heat recovery, engine downsiz-
ing, cylinder deactivation, and variable oil pumps.

In the internal combustion engine, friction occurs in many components, including piston as-
sembly, crankshaft, connecting rods, valves, and auxiliary devices [2]. There are various friction
reduction technologies, including surface coatings and textures that are used to reduce the
friction coefficient, component geometry optimization which includes reduction of the bearing
diameter and width and ring tension changes, component weight reduction, and lubrication
condition changes such as the use of solid lubricant and low-viscosity oil. Recent experimental
and modeling research on surface texturing has focused on the reduction of friction between
contact surfaces. Zhou et al. [3] developed a theoretical model of load carrying capacity and
film thickness using an optimal texturing design method. Usman and Park [4] optimized the
textured barrel-shaped piston ring and surface texture pattern for reduced frictional losses in an
Sl engine. To develop the engine friction reduction technologies and verify availability, it is nec-
essary to perform friction loss estimation for each engine component, and it is important to
accurately measure and calculate engine friction loss.

Measuring engine friction is challenging. In terms of the total energy generated from the fuel,
the contribution of the engine friction loss is small [5]. When compared to the energy transferred
to the transmission, the contribution increases slightly. The accuracy of the engine friction
measurements is very important [6]. Generally, the total engine friction, called FMEP, is esti-
mated by determining the difference between IMEP, obtained from measuring cylinder
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pressure, and BMEP, obtained from measuring engine trans-
mission brake torque. However, there is a strong possibility for
error when using this method because IMEP and BMEP are
both much larger than FMEP [6].

There are four main estimation methods for determining en-
gine friction: component removal, difference testing, direct
measurement, and analytical modeling [5]. A strip-down
method is the experimental method based on component re-
moval to measure the friction of each part. The friction for each
engine component is determined by measuring the difference
in engine motoring torque before and after removing the com-
ponent [7]. In the case of the combustion conditions, it is not
possible to measure the friction of each engine component
without engine alteration. For example, a floating liner device,
made from a single-cylinder engine, is used to measure the
piston assembly friction force [8]. Generally, the cylinder block
floats, so it is important to seal the combustion gas pressure for
accurate piston friction measurement. In this condition, a pre-
cise piston friction measurement is extremely time consuming
and costly. Furthermore, the IMEP method is used to measure
piston assembly friction under the fired engine condition [9]. In
this method, a special grasshopper linkage was used to meas-
ure the connecting rod force. The piston assembly force is
determined indirectly from the balance of the piston assembly
friction force, the force acting on the piston assembly, the force
acting on the connecting rod, the piston assembly axial accel-
eration, and the gas force.

The friction for each engine component can be measured
under motored engine conditions without engine alteration. The
contribution of each component friction to the whole engine
friction is analyzed through a strip-down method. The draw-
back of this method is that it cannot reflect the actual deforma-
tion of each component in the fired engine condition [10]. To
compensate for this drawback and to accurately research the
engine friction, a combination of measurement and simulation
is required. Therefore, the calculation for determining crank
train friction was conducted at various engine operating condi-
tions.

Numerical analysis of the engine part friction loss has oc-
curred for decades. For the friction analysis of piston skirt,
equations for oil lubrication and piston skirt behavior were con-
sidered in previous studies [11-13]. Zhu et al. [11] presented
basic modeling in mixed lubrication. Livanos et al. [12] derived
the dynamic equation, including the friction force of the piston
ring. Meng et al. [13] suggested a dynamic equation to con-
sider the inertia of the connecting rod. The lubrication equation
is based on the Reynolds equation and is used to calculate the
oil pressure at the piston skirt. To reflect the actual physical
phenomena, it is necessary to add the roughness and wavi-
ness values of the materials to the Reynolds equation. Patir
and Cheng [14, 15] used an average Reynolds equation, in-
cluding roughness and flow factors, and the average Reynolds
equation was used in this study.

The cylinder gas flow model, the force equilibrium equation,
and the Reynolds equation were used in the friction analysis of

the piston rings. Kuo et al. [16] predicted the flow of piston-ring
crevices and orifices. Yun [17] suggested a numerical analysis
method for determining the gas flow in the piston ring pack.
Chong et al. [18] modeled the friction performance of an inter-
nal combustion engine. Lyubarskyy and Bartel [19] used a 2D
CFD-model to analyze piston ring dynamics, mass transport,
and friction. Jeng et al. [20, 21] proposed boundary conditions
for varying amounts of lubricant. Han et al. [22] suggested a
new boundary condition for the lubricant pressure to solve the
1D Reynolds equation. Choi et al. [23] describe a numerical
simulation of the first compression piston ring in a diesel engine.
Zhou et al. [24] developed a coupled method based on the
heat transfer, the oil lubricant, and the friction of the piston-
cylinder.

For the friction analysis of journal bearings, it is necessary to
solve the Reynolds equation by considering the forces applied
to the journal bearing from a connecting rod driven by combus-
tion. Booker [25] presented a mobility method to easily conduct
the bearing lubricant analysis. Hirani et al. [26] suggested an
analytical method based on the model by Booker. Mourelatos
et al. [27] proposed a finite element method for journal bearing
hydrodynamic analysis.

The focus of this study is to investigate the friction character-
istics of detailed components taking into account changes in
engine load, oil and coolant temperature. Therefore, this study
quantified the correlation between engine friction measurement
and calculation. The strip-down method was used to measure
the FMEP of each component group for the crank train and to
analyze the contribution for each component group in the total
engine friction loss. The result for measurement was used to
validate the developed friction models. In the calculation proc-
ess for modeling, the lubricant oil film pressure and thickness
were calculated to determine the friction force and the power
loss of each crank train component, such as the piston ring, the
piston skirt, and the main journal bearing. The numerical
analysis is based on the Reynolds equation and the dynamic
equation. The Reynolds equation is calculated based on the
amount of lubricant and open cavitation. The dynamic equation
predicts the motion for each component, such as eccentricity of
the piston and attitude angle of the bearing. For a more accu-
rate prediction, these equations are calculated for each crank
angle.

2. Testing method

In this work, the experimental strip-down method was con-
ducted on a light duty vehicle diesel engine. The test was per-
formed on a 1.99 L displacement engine with a bore of 84 mm
and a stroke of 90 mm. The maximum engine power is
136.9 kW and the peak torque is 402.2 Nm. A five-stage engine
strip down test was performed under motored engine conditions
with controlled temperature. The coolant and oil temperature
were held constant at 90 °C+1 using an extemal pump for
cooling. The oil heater controller in the oil tank adjusted the
power of the heater by PID control according to the set tem-
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Fig. 1. Schematic diagram of the test engine system.

perature. In this process, the radiator and the fan were always
activated. In addition, the main oil gallery pressure was con-
trolled to the same motored complete engine conditions at each
engine speed after the oil pump was removed. The amount of
oil entering the main oil gallery was held constant through an
external oil pump during the torque measurement steps.
Changes in the oil supply affect engine friction, so the oil supply
was verified using the level gage in the oil fan and external oil
tank. The friction torque was measured under the controlled oil
and coolant temperature at engine speeds from 1000 rpm to
4000 rpm (500 rpm step). The torque sensor signal was meas-
ured by a non-contact torque transducer with a maximum of
1000Nm and an accuracy of 0.03 % (T12, HBM). The data were
acquired using the T12 assistant software provided by HBM.
The test engine was motored for 30 min at an engine speed
2000 rpm to attain stability before torque measurements. To
accurately measure the torque, constant experimental condi-
tions were maintained for at least 3 minutes. Additional experi-
mental data were acquired using a data acquisition hardware
device (NI USB-6343, NI) with the NI LabVIEW software. Fig. 1
shows a schematic diagram of the test engine system.

To estimate each engine component, the test engine was
disassembled in five steps.

Step 1 — The complete test engine is set up and measured
for the friction measurement of the entire engine.

Step 2 — The auxiliaries are each disassembled sequentially
from the test engine, such as water pump, front end accessory
drive (FEAD) belt, common rail pump, vacuum pump, balance
shaft module, and oil pump.

Step 3 — The cylinder head is disassembled from the com-
plete test engine and replaced by a dummy plate. Only crank
train components were retained in this step. The role of the
dummy plate is to imitate the cylinder head, so it is machined to

have the function as the cylinder liners with the same weight [7].

The dummy plate blocked oil and coolant passages, and the
combustion chambers were exposed to the atmospheric pres-
sure. In addition, tightening the cylinder head bolts affected
engine friction due to the distortion of the cylinder bore [6, 28].
Step 4 — The piston assembly and connecting rods are dis-
assembled from step 3 and replaced by dummy ring weights
fixed to the crank pin. The dummy ring weights compensated
the rotating mass of the piston assembly and connecting rods
resulting from the imbalance caused by the removal of the

piston assembly and connecting rods [28]. The dummy ring
weights are equal to the rotating mass (the weights of the big
end bearing and the part of the connecting rod at the crank pin)
plus one-half of the reciprocating mass (the weights of the
piston, piston ring, piston pin, and the part of the connecting
rod at the piston pin) [29]. The friction in step 4 includes the
friction of the main bearing and the friction between crankshaft
and oil seals.

Step 5 — The dummy plate was disassembled, and the valve
train and cylinder head were assembled from step 4. This step
is for friction measurement of the valve train.

The friction of each component is determined as follow:

- Auxiliary components: The friction loss at step 2, difference
before and after each part removal.

- Crankshaft group: The friction loss at step 4.

- Piston assembly & connecting rod (PIS & CON) group: ‘The
friction loss at step 3’ — ‘the friction loss at step 4'.

- Valve train group: ‘The friction loss at step 5’ — ‘the friction
loss at step 4'.

The friction loss of each component was determined from
each torque measurement. The friction mean effective pres-
sure (FMEP) was calculated using Eq. (1)

P/ _ 4xT (1)
Vd
where P, is the FMEP measured at torque T, for an engine

displacement volume v, [30].

3. Theoretical model
3.1 Friction modeling for piston skirt

In this research, the geometry shown in Figs. 2 and 3 is used
as a reference, since some terms are different in each of the
coordinate systems of previous studies. In this coordinate sys-
tem, the center of the combustion cylinder top is set to the ori-
gin of the coordinates. The dynamic equation is based on force
and moment equilibrium. In this piston geometry, the force
equilibrium equation and the moment equation can be obtained
based on the force applied to the piston, inertia, and friction.
The reciprocating motion of the piston can be written as fol-
lows:

_ {F(m — £y, tangp — FA}

M, +M,+M,
F,= [Fgas +(m, +m,)g— Y')Jtantb 3)
M,=F,C,-m,(g-Y)C, %)

891



Journal of Mechanical Science and Technology 34 (2) 2020

DOI 10.1007/s12206-020-0139-y

Fig. 2. Forces and moments acting on piston.

The variables e, and e, represent the eccentricities of the
piston measured at the top and bottom of the skirt. £, is the
normal force due to asperity contact pressure and hydrody-
namic pressure from the oil film between the piston and cylin-
der, F, , is the friction force due to asperity contact pressure
and hydrodynamic pressure from the oil film, and these forces
were defined by Zhu et al. [11]. The dynamic equation is used
to predict piston movement, represented by e, and e,, but
the piston friction due to contact and hydrodynamic pressure
are unknown. To obtain the piston friction, the equation model-
ing oil film action between the piston skirt and the cylinder liner
must be solved.

The equations used for simulation are based on the Rey-
nolds equation to calculate the oil pressure at the piston skirt.
To reflect the actual physical phenomena, it is necessary to
add the roughness and waviness values of the materials to the
Reynolds equation. In this study, we applied the approximation
suggested by Patir and Cheng [14, 15], where an average
Reynolds equation, including values of roughness and flow
factors, is utilized.

The equation of the oil film lubrication between the piston
skirt and cylinder liner can be written as follows:

2on]o2lon®]

00l * 06 oA oA (5)
=—6uUR’ (% +0o o, j +12uR? oh
oA oA ot

where 6 is the piston circumferential coordinate, 1 is the
piston axial coordinate, h is the oil film thickness between the
piston skirt and the cylinder liner, and p is the oil pressure ap-
plied the piston skirt. @ and @ are the pressure flow fac-
tors, @, is the shear flow factor, and o is the roughness. To
calculate the oil pressure from this equation, the functions for
the oil film thickness and the roughness factors should be de-
fined. The roughness factors are described in Ref. [15], and the

surface pattern parameters are assumed to be isotropic rough-

Thrust Side (TS)
Anti Thrust Side (ATS)

Fig. 3. Geometry system for piston and cylinder liner.

ness structure in Ref. [14]. The oil film thickness can be deter-
mined from the skirt liner geometry in Fig. 3 and is written as
follows:

h(&,ﬂ)zC(l)+qcos0+%(€b—el)cosﬁ (6)
Cc -C 2
C(ﬂ) — Cmin 4 —max - min (ﬂ _ yo) (7)
Yo
where C_is the maximum radial clearance between the skirt

max

and the liner, C,, is the minimum radial clearance, and y,
is the vertical distance from the top of the skirt to the peak point
where the minimum clearance is located. To determine the
local oil film pressure, Eq. (5) was solved at the local position of
the piston skirt using Egs. (6) and (7). Additionally, the initial
values for the piston movement and the boundary conditions
for the piston skirt are needed to determine the piston motion

and friction. The initial values are given as follows:

n n

e,(1,)=0, ¢,(t,)=0 e(1,)=0, We,(to)=0 (8)

T dr

where ¢, =0, n=1 (velocity), and n=2 (acceleration). The
boundary conditions are as follows:

p(60,0)=p(0,L)= p(6r5,2) = p(6,15,4) =0 ©)
%p(o,z):(%p(ﬁ,z)zo (10)

where 6, and 6, are the end sides for each position.
From these initial values and boundary conditions, the initial oil
film thickness can be determined, so friction can be obtained
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from the lubricant equation. Using these friction values, the
subsequent motion of the piston can be calculated from the
dynamic equation. Through the iterative calculation for one
cycle (two strokes), the FMEP for the piston skirt can be calcu-
lated. The friction force is determined by viscous friction due to
lubricant hydrodynamic pressure and asperity contact friction
by direct contact between surfaces and can be written as fol-
lows:

F, = [[rda+c, [ pda. (11)
h op U
_hop U 12
o M (12
0, ﬁ>4
O
p.= (13)
K'E'Fz_s[ﬁj, ey
o (o2
k=12 g [ (14)
15 B
Fe— % (15)

1-v; 1=V}
+7
EI E2

where p_ is the asperity contact pressure, N is the number of
asperities per unit contact area, 4’ is the asperity radius of
curvature, o is the variance of the composite surface rough-
ness, v, and v, are Poisson’s ratio, and these parameters
were described by Greenwood et al. [31]. The function of F,
presents the probability distribution of asperity height. Although
the height of a particular asperity is random, the distribution of
the asperity heights is rather close to Gaussian distribution.
The model for average asperity contact pressure was estab-
lished in Ref. [31]. According to Greenwood-Tripp’s asperity
contact model in Ref. [31], taking into account the distribution
of asperity heights, the model surface could be used to predict
some properties of actual surfaces. The expected total force
and a total area of contact between the surfaces were affected
by the statistical distribution of the sum of pairs of asperity
heights. In Ref. [31], the normalized gap H_ between contact
surfaces was used to calculate the standardized height distri-
bution and can be written as follow:

=t (16)

o =\/o +0, (17)

where o, and o, are the standard deviations of the asperity
height distributions on both surfaces. The gap h is a distance
between the reference planes of the surfaces. o, is deter-
mined by the asperity height from the reference plane of sur-
face 1,and o, isequalto o,.Huetal. [32] used a power law
approximation for F,.(H_) in the form of Eq. (13). The range
of validated normalized gap was determined at the first point of

contact between two surfaces. The highest asperity on an ac-
tual surface is finite and the expected greatest height for Gaus-
sian distribution is 4.04 & in the Ref. [31]. The power loss can
be written as follow:

P :”ﬂ%zdmjj%(w)z dA (18)

3.2 Friction modeling for piston ring

The piston ring pack is used to seal the combustion gas in
the combustion chamber, but blow-by gas leaks into the gap
between the piston ring and the piston groove and moves into
the orifice area, as shown in Fig. 4. Modeling of the blow-by
gas was conducted in previous studies [32-35]. To analyze the
blow-by gas flow, the forces by inertia and pressure difference
between the top and the bottom of the ring, viscosity friction for
lubricant between the cylinder liner and the ring, and squeeze
effect for lubricant between the piston groove and the ring were
used. The position of the piston ring is determined from the
force equilibrium for these forces. The force equilibrium equa-
tion is written as follows, and each term was described in Ref.
[17]:

0=F i+ F e ¥ Friscosi ¥ Frgueene (19)
d’y
inertia _’nymgmh ? (20)
Fpre =4,(P, = P,) (21)
_ HU pis
chosny = [“ m] D (pbuck t Din )hgroove (22)
dh ’
w
F  =—(0.1)27uR, —thame | 23
e = ~(0.1) 270K, == [ hﬁhm,] (23)

To solve this equilibrium equation, the initial conditions are
given as follows:

P, (00) = Peoms (90) - I:pmmb (00) - palm:'/4
Ps (00) = Peomv (90) - 2|:p('w7117 (90) = Pam :|/4 (24)
Py (90) = Peomv (90) - 3[p(‘omb (90) = Pam ]/4
Ps = P,,, (all crank)
hchamlel,]ﬁz (60) =h —h

— "groove,lst
hz'harmel.ZaS (90) =0
channel 34 (90) =h

h(‘harmel.4—>5 (‘90 ) =0

ring 1st

‘groove2nd ! ‘ring.2nd

Using these conditions, the piston ring position for each
crank angle is calculated based on the channel height. The
internal pressure between the rings for each crank angle is
also calculated. After calculating the results of these blow-by
effects, and the lubricant analysis for each ring, it is possible to
calculate the film thickness and the friction and power loss.
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Fig. 4. Piston ring orifice and blow-by gas between ring and groove.
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Fig. 5. Geometry for piston ring.

In this paper, the model of the piston ring is assumed to be
axial symmetry and one-dimensional. The Reynolds equation
can be written as:

3
o H ) 1o o 2
ox\12uox) 2 ox ot

As shown in Fig. 5, the piston ring pack consists of two com-
pressed rings and one twin-rail oil ring. While the ring pack
moves in the cylinder, the lubricant at the cylinder wall seeps
into the gap between the piston ring and the wall. The bound-
ary of the piston rings is related to a leading edge and a trailing
edge, depending on the direction of piston motion. In this paper,
it is assumed that the lubricant at the cylinder is sufficient. The
surface of each ring is barrel-shaped because it is resistant to
high-pressure combustion gas. The ring shape can be defined
by a follow equation:

h(x.0) :hm(t)+(b/zc_;0)2(x—o)2 27)

To solve the Reynolds equation, the boundary conditions of
the piston ring should be considered. When the piston is mov-
ing, the wedge effect is mainly applied to the lubricant due to
the relative speed between the ring and the cylinder, resulting
in cavitation. When the piston is located at top dead center
(TDC) or bottom dead center (BDC), the squeeze effect is ap-
plied to the lubricant, so cavitation does not occur. Reynolds
cavitation boundary conditions, shown in Fig. 6, are most
commonly used for cavitation analysis. This condition assumes
that the enclosed cavitation occurred in the oil film, and then
the oil fim is formed again. However, an open cavitation
boundary condition, shown in Fig. 6, was used for cavitation
analysis in this paper. This condition was recently proposed

enclosed
cavitation

Pr
Po

opened

cavitation

e

Fig. 6. The boundary condition for Reynolds and opened cavitation.

Fr

&=
:( Piston Ring

thdro

FGas

pa—

Fconta,ct
Fig. 7. Free body diagram of piston ring.
and assumes that the gas at the back of the piston ring is cavi-

tation. The boundary conditions for open cavitation and no
cavitation are as follows:

(Cavitation) : P(xuullel) = Pgm,amlel’ xin/e/ = E (28)
(NO caVitation) : P(xuuzlaz ) = Pgu.v,nuzlel > xomlez =7 (29)

In addition, the quasi-steady state problem was applied to
the friction modeling of the piston ring to the cavitation bound-
ary location. Fig. 7 shows the forces acting on the piston ring.
The tension of the ring in the radial direction F, the force

due to gas pressure on the inner face of the ring F,, the

force due to hydrodynamic pressure of the lubricant film 7, ,
and the force caused by direct asperity contact between the
ring surface and cylinder liner surface F,_ . were applied to
piston ring. The force equilibrium condition can be expressed
as:

=F+F_=F,, +F (30)

external gas hydro contact

The sum of F,, and F, . corresponds to the normal
load on the friction surface between the piston ring and the
cylinder liner. During the reciprocating motion of the piston, the
lubrication condition at the piston ring is fully flooded or starved.
The lubrication condition at only the 2nd rail of the oil ring is
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main bearing

crank journal
(crankshaft)

attitude angle ()

Fig. 8. Geometry for journal bearing.

fully flooded during down stroke, and the remaining rings are
moved at starved lubrication condition during all stokes. The
boundary conditions for fully flooded and starved lubrication are
as follows:

| &

(Fully flooded): P(x,, )=P

gas inlet > ‘xinlel - 2

= Qovaitavie (32)

(31)

(Starved): P (xinlel) :Pgux,inlf'l’ Dinter

Using these boundary conditions, the minimum thickness
and the effective lubricant width of each ring are calculated
based on the crank angle. From these results, the friction force
and the power loss for the piston ring were determined. The
calculation procedure of the friction force and the power loss is
the same as that described in the case of the piston skirt. The
total friction force is the sum of viscous friction force caused by
the lubricant viscosity and the contact friction force caused by
direct asperity contact between piston ring surface and cylinder
liner. The lubricant was assumed to be Newtonian fluid and the
total friction force of the piston ring is determined from Eq. (11).

3.3 Friction modeling for journal bearing

Fig. 8 shows the journal bearing geometry and coordinate
system. The Reynolds equation for the journal bearing in a
polar-coordinate system is described by Booker [25], and can
be written as follow:

i(h3a—p)+132g[h3a—pj
o0\" 00) " &\ & (33)

= 12,uR%[écos€+ g(¢—a7)sin9]

where ¢ is the angular velocity of the attitude angle, @ is
the average angular velocity of the journal and bearing relative
to the force acting on the journal, and & is the eccentricity
ratio. The thickness of the lubricant film is then:

h=c(l+e&cos0) (34)

The journal bearing is filled with lubricant, so its circumferen-
tial period is from 0 to 2m. However, in the real case, negative
pressure does not occur, so the boundary conditions are writ-
ten as follows:

Short bearing (% < 0.5):

35
. O+, e(@—9)>0 (39)
6 =tan —, 0, = _
e(@-9) 0 —r, e(@—¢)<0
L
Long beari —>05]:
ong bearing (D> j N
L (2467 0 +r, e(@-¢)>0 (36)
6 =tan ——, 6,= _ .
2e(@—9) 0 -, e(@—¢)<0

Using these boundary conditions, the Reynold equation is
solved, and the pressure distribution is calculated. Due to the
pressure distribution, the location of the journal center changes,
and the mobility is a dimensionless ratio of velocity to force
which is affected by the journal center location as:

E,.(c/RY E,.(c/R)
RleRY o EeR) -
ULD ULDe
M*®=M*cosp+M"*sing, M* =M"cosp—M*singp (38)

5/2 32
Méz(l_f) z»M’(:4K(1_§)2 (39)
ﬂ(L/D) ﬂz(L/D)
E=gcosp, k=gsing (40)

The force applied to the center main bearing was calculated
from the model in Ref. [36]. Integrating the calculated rate of
the eccentricity ratio ( ¢ ) and the attitude angle (¢ ), the journal
center location and the journal bearing centerline are obtained.
The initial values for the eccentricity ratio and the attitude angle
are 0.7 and 1.5 rad. Through a time-step, the pressure distribu-
tion for each crank angle can be calculated, and the friction
force of the journal bearing can be obtained from Eq. (41)

F 27muURL

£ bearing — J-f TdAd = B m

(41)

For oil seal, the seal friction modeling in Ref. [37] was used
in this study. The total friction torque was determined from the
seal lip force, the contribution of the material to the seal friction
force, and the shaft diameter.

4. Results and discussion

4.1 Simulation validation and friction charac-
teristics of crank train components

Friction characteristics are influenced by the friction coeffi-
cient and the lubrication regime. These factors are determined
through a friction theory, called the Stribeck curve, as shown in
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Fig. 9 [38]. Bovington studied the change of lubrication charac-
teristics by various variables related to the Stribeck curve [39].
Similarly, the Stribeck curve was used to analyze the friction
characteristics of crank train components for various engine
operating conditions.

The obtained distribution of measured friction loss for vari-
ous components was analyzed using the strip-down method as
shown in Fig. 10. As shown in Fig. 10, the friction loss of the
crank and valve train account for at least 62 % to 65 % of the
total. The components of the crank train include the top, sec-
ond, and oil piston rings, the piston skirt, the small and big end
bearings of the connecting rods, the crankshaft main bearing,
and the crankshaft seals. The friction loss of the crank train
contributes at least 42 % and possibly up to 53 % of the total.
The strip-down method is considered at the opened cylinder
condition, so the friction loss due to crankcase gas is not in-
cluded in this friction loss of the crank train. However, the
crankcase gas is an important factor affecting the friction of the
crank train. Crankcase gas creates resistance to piston motion,
up and down, as well as connecting rods and crankshaft
movement [6]. Crank train friction under fired engine conditions
is higher than that under motored engine conditions due to the
effects of high combustion gas pressure and temperature dur-
ing the power stroke [39, 40]. The estimation of crank train

Table 1. Engine specifications and input parameters.

Definition Values
Bore 84 mm
Stroke 90 mm
Connecting rod length 145 mm
Composite roughness (skirt) 0.6 pm
Skirt clearance 75 pm
Composite roughness (ring) 0.37 pum
Piston first ring height 261 mm
Piston second ring height 2.06 mm
Piston oil ring height 3.02 mm
Main bearing diameter 60 mm
Main bearing clearance 44 um
QOil viscosity (5W-30 / temp: 90 °C) 0.01022 Pa.s
Friction coefficient for dry contact 0.15

70
| I Ring 1st
| | | Ring 2nd
60 I Ring Oil
[ Iskirt

" I conrod bearing
[ - -=--PIS&CON group

u
Q O

FMEP (kPa)
=N W A
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0
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Engine speed (rpm)

Fig. 11. Comparison between measured and calculated FMEP of
PIS&CON group.

friction is important because its contribution differs under mo-
tored and fired engine conditions. The friction loss of all com-
ponents except the valve train increased with engine speed.
The numerical models for crank train friction are validated
against experimental data in terms of each component FMEP.
The engine specifications and input parameters are presented
in Table 1. Since it is not possible to divide detailed losses
such as the respective piston ring losses using any known
measurement technique [6], the FMEP for each group of Sec.
2 is compared to the sum of each component FMEP calculated
using a different model. The friction of PIS & CON group in-
cludes the friction losses between the top, second, oil piston
ring, piston skirt, connecting rods, and the small and big end
bearings. In the numerical analysis of the PIS & CON group,
the friction loss of the small end bearings was ignored as insig-
nificant when compared to the big end and the main bearings
[41]. A comparison between the measured and calculated re-
sults of PIS & CON is described in Fig. 11. The piston skirt
FMEP occupies a large portion of the total FMEP since the
area of contact between the piston skirt and the cylinder liner is
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larger than that of other components. In the case of piston rings,
the FMEP of the oil ring is the highest due to high ring tension.
The asperity contact friction of the piston in the boundary lubri-
cation regime occurred near TDC [42]; however, the overall
trend of FMEP is included in the hydrodynamic lubrication re-
gime. The measured and calculated data of PIS & CON have
an average error of 3 % based on the measured data.

A comparison of the crankshaft group is shown in Fig. 12.
The FMEP of the main bearing accounts for the overwhelming
proportion of the crankshaft group. There is an average error of
5 % based on the measured data in Fig. 12. The linear correla-
tion between FMEP and engine speed was investigated. All
FMEP of components, such as PIS & CON, and crankshaft
group, increased with engine speed because the component
friction behaves predominantly in the hydrodynamic lubrication
regime [43]. The difference between the measured FMEP and
the calculated FMEP of the crankshaft increased with engine
speed because the calculated results did not take into account
the oil film inertia effect [44].

Fig. 13 shows the calculated results for the friction character-
istics of the piston’s first compression ring. Oil film thickness is
an important factor influencing friction characteristics [45]. The
oil film thickness measurement increases the understanding of
the phenomena leading to friction between the contact sur-
faces of engine components. Through oil film thickness analy-
sis, the characteristics of friction force and power loss can be
grasped, and it is possible to predict which lubrication regime
corresponds to this. The cylinder pressure increased with in-
creasing load, which reduced the thickness of the ail film. The
lubrication regime in the motored case is hydrodynamic at al-
most every stroke; however, the boundary lubrication regime is
slightly distributed near TDC and BDC. When the piston sliding
velocity approaches zero and its direction changes, squeeze
film effects occurred to retain some of the ail film thickness [46].
The minimum oil film thickness was nearly zero at TDC follow-
ing the compression stroke due to the overwhelming squeezing
film effect. The consequence of this phenomenon is the transi-
tion from hydrodynamic to boundary lubrication. In addition, the
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Fig. 13. Minimum oil film thickness, friction force and power loss of first ring
under various load conditions.

minimum oil film thickness decreases with engine load. The
friction force by direct asperity contact increased suddenly due
to cylinder pressure at TDC. The total friction force similarly
increased with engine load. The power loss of the first com-
pression ring had a peak near the middle of the stroke, except
during the expansion stroke. This is because the piston sliding
velocity has a large influence on the friction power loss calcula-
tion. Although the piston sliding velocity is very low, there was
a peak power loss near TDC due to a very large friction force in
the expansion stroke. Analogously, the first compression ring
power loss increases with engine load at the compression
stroke.

In the case of the piston’s second ring, the calculated result
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for friction characteristics is similar to that of a first compression
ring, as shown in Fig. 14. The behavior of the second com-
pression ring is less affected by engine load than that of the
first compression ring. This is because the inter-ring gas pres-
sure is much lower than the cylinder pressure, as shown in Fig.
15. The engine combustion experiment was conducted using
the single-cylinder engine manufactured to the same engine
specification. The cylinder pressure was measured through

experiments under motored, low load, and high load conditions.

And these pressure data were used to calculate the inter-ring
pressure. The inter-ring pressure was calculated through the
mathematical model based on Ref. [18]. There was a
difference in the impact of the engine load on power loss and
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frictional force.

The oil ring was handled as a separate single ring in the
study. The friction of the piston oil top ring was least affected by
the variation of engine load, as shown in Fig 15. The oil ring

also exhibits a similar tendency to the second compression ring.

The higher ring tension of the oil ring resulted in a lower mini-
mum oil film thickness and higher asperity contact friction.
Subsequently, the contribution of the boundary lubrication re-
gime increased in the case of the oil ring. Therefore, the power
loss of the ail ring is the highest among the piston rings.

In Fig. 17, the piston skirt friction characteristics differed with
the piston ring. The amount of variation in the minimum oil film
thickness between the piston skirt and the cylinder liner in-
creased with the engine load. When cylinder pressure started
to increase due to combustion, the minimum oil film thickness
increased and then decreased after TDC. The piston skirts
later motion by suddenly increased cylinder pressure created a
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Fig. 18. Piston skirt eccentricity under various load conditions.

squeeze film effect and subsequently the minimum oil film
thickness was reduced due to the squeeze film effect ne-
glected by the high cylinder pressure. At the same time, the
skirt friction increased due to reduced oil film thickness. In the
case of power loss, the peak point occurs near the middle of
the intake and exhaust stroke, as this is when maximum piston
slide velocity occurs. The highest peak point occurs near TDC
between the compression and expansion strokes. This is be-
cause the asperity contact friction increased due to the in-
creased tilting motion of the piston skirt. The piston skirt eccen-
tricity increased when cylinder pressure increased, as shown in
Fig. 18.

The calculated results for the main bearing friction character-
istics are presented in Fig. 19. Since the main bearing is
loaded by connecting rods moving because of combustion, the
eccentricity of the main bearing is changed for each crank an-
gle. The minimum film thickness of the main bearing varied
depending on the eccentricity of the main bearing. In Fig. 20,
the load of the center bearing in an in-line four-cylinder engine
was increased by the force transmitted by the connecting rod.
When the engine load increased, the force transmitted to the
main bearing by the connecting rod increases, affecting the
eccentricity and the oil thickness. The friction force and power
loss of the main bearing started to increase near TDC where
cylinder pressure increased significantly.

4.2 Effect on temperature of engine oil and
coolant

The crankshaft friction measurements were carried out at
coolant, oil main gallery, and oil pan temperatures of 30 °C+2,
50 °C+2, 70 °C£2, and 90 °C +2, respectively, under motored
engine conditions, as shown in Fig. 21. The crankshaft friction
increased with oil temperature reduction because the oil vis-
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cosity increased. This phenomenon is similar to the case of

engine warm-up [47]. The lubrication of crankshaft friction at all
temperatures is mostly included in the hydrodynamic lubrica-
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Fig. 21. Measured FMEP of crankshaft at various oil temperature.
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Fig. 22. Measured FMEP of PIS & CON at various oil temperature.

tion regime due to the sufficient oil supply. Having enough oil
supply for the main bearing is possible because oil holes in the
main bearing journal are connected directly from the cylinder
block oil to the main gallery. The sufficient oil supply enabled
appropriate conditions for the hydrodynamic lubrication regime.
In hydrodynamic lubrication, friction coefficients increase with
oil viscosity according to the Stribeck curve. The engine oil
temperature was measured between 80 °C and 100 °C under
actual operating conditions [48]. To reduce crankshaft friction
loss, it is necessary to reduce the friction losses of the engine
warm-up. The FMEP increment between an oil temperature of
30 °C and 50 °C is higher than other temperature sections.
This is because the oil viscosity increment at 30 °C is higher
than that of other temperatures [49].

The same tendency was also observed in the PIS & CON
FMEP measurement results and can be confirmed in Fig. 22.
However, in the case of PIS & CON FMEP, the FMEP incre-
ment is relatively constant compared to the case of crankshaft
FMEP. It was found that the contribution to the hydrodynamic
regime in the PIS & CON FMEP is lower than in the case of
crankshaft FMEP. This is because the friction of the piston ring
is partially included in the boundary lubrication regime. In the
boundary lubrication regime, the viscosity change does not
influence the friction coefficient.
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5. Conclusions

The following conclusions can be drawn from current work:

(1) Measured data from the strip-down method indicated the
contribution of each engine component to the total friction un-
der motored conditions. The crank train accounts for about
50 % of total engine friction loss. The FMEP of each engine
component was almost in the hydrodynamic lubrication regime.
The FMEP of all components, except the valve train, increased
with engine rpm. The FMEP of the skirt and main bearing is
estimated to be the largest proportion.

(2) Using a numerical model of the detailed components, the
FMEP of each engine component group was compared to the
sum of each detailed component FMEP and the correlation
between measurement and calculation was investigated.

(3) After compression stroke, the minimum film thickness of
piston rings decreased with engine load due to the force by the
combustion gas pressure. The friction force and power loss of
piston rings increased with engine load because the reduced
oil film thickness resulted in low load carrying capacity and
increased asperity contact friction. In the case of the ail ring,
the effect of engine load variation was insignificant.

(4) The rate of change for eccentricity of the piston skirt and
the crankshaft main journal increased during expansion stroke
due to the force by the combustion gas pressure. The mini-
mum film thickness of the piston skirt and the crankshaft main
bearing decreased with engine load due to the variation of
eccentricity. The friction force and power loss of the piston skirt
and the crankshaft main bearing increased with engine load
because the reduced oil film thickness resulted in low load
carrying capacity and increased asperity contact friction.

(5) The effects of the engine oil and coolant temperature on
the FMEP were analyzed through the measured FMEP of each
engine component group. When oil temperature was low, the
oil viscosity and the load carrying capacity of oil increased.
Lower oil temperatures than the actual engine operating condi-
tions increased the oil viscosity and engine component friction
loss.
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Nomenclature

ATS  : Anti-thrust side

BMEP : Brake mean effective pressure

FMEP : Friction mean effective pressure

HCCI : Homogeneous charge compression-ignition

IMEP : Indicated mean effective pressure

TS : Thrust side

a : Vertical distance between top of piston skirt and piston
center of mass

A : Area of the piston ring from a top view

b : Vertical distance between top of piston skirt and piston
pin center

b, : Half of the piston ring thickness

c, : Radial clearance between the journal and bearing

c : Coefficient of friction

c, : Maximum distance of ring surface

C, : Horizonal distance between the piston center of mass
and the piston pin center

C, - Horizonal distance between the piston center line and the
piston pin center

D : Inner diameter of the piston ring

e, : Eccentricity of piston at the skirt bottom

e : Eccentricity of piston at the skirt top

F,. . Force obtained by pressure in the combustion chamber

F, - Inertia force at the piston center of mass

F, : Inertia force at the piston pin center

F, : Friction force obtained by lubricant

F.. Force applied to the center main bearing

F., :Force obtained by the connecting rod

h.me - Height between the ring and groove

hyeee - Height of the groove

h, : Minimum oil film thickness of the piston ring

Ly : Rotational inertia of piston center of mass

L : Length from the skirt top to the bottom

m,.  Mass of piston

m,, - Mass of piston pin

Mo - Mass of piston nth ring

o : Piston ring offset

p : Hydrodynamic oil film pressure

P.. . Atmosphere pressure

P, : Pressure at the bottom of the piston ring

P - Pressure of the piston back face

p, : Asperity contact pressure

p, : Pressure at the top of the piston ring

p., . Pressure of the piston tension

U : Reciprocating velocity of the piston

10} : Angle between the vertical line of piston pin and the cen-
ter line of the connecting rod

I : Dynamic viscosity for lubricant
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