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Abstract: The design of turbines used to convert thermal energy into electrical energy in an organic
Rankine cycle (ORC) is crucial. A high-speed turbine requires high-performance bearings, which
increases turbine manufacturing costs. In this study, a high-efficiency two-stage axial turbine at
a low rotational speed was developed, and the ORC performance was presented. We designed a
180-kW axial turbine of 12,000 rpm. To increase turbine efficiency, the number of turbine stages was
set to two, and turbine blades were designed to reduce pressure losses. One-dimensional design
parameters of blades that minimized the total pressure loss were selected using an in-house code
based on a generalized reduced gradient (GRG) nonlinear algorithm. Three-dimensional turbine
blade modeling and numerical analysis were performed using commercial software. The total-to-
static isentropic efficiency and output of the two-stage axial turbine were predicted to be 85.1% and
176 kW, respectively. ORC performance was assessed using the predicted turbine performance results.
Assuming the temperature of the condenser outlet working fluid to be 25 ◦C, the ORC thermal
efficiency and exergy efficiency were found to be 7.40% and 34.49%, respectively. Our findings
highlight the applicability of various rotational speeds and number of stages for an axial turbine in
an ORC.

Keywords: organic Rankine cycle (ORC); axial-flow turbine; mean-line design; off-design; R245fa

1. Introduction

The use of fossil fuels causes the emission of air pollutants, including greenhouse
gases, resulting in environmental issues such as global warming and ozone depletion. To
address these issues, research is actively being conducted worldwide on the development
of renewable energy that can replace fossil fuels. To convert thermal renewable energy, such
as solar heat, geothermal heat, and chemical reaction heat into electricity, a thermodynamic
power generation system is required. In the last few decades, the Brayton cycle and the
Rankine cycle have mostly been used to produce electricity using thermal energy [1]. In
general, the Brayton cycle uses a gas turbine, and the Rankine cycle uses steam to generate
electricity. As the organic Rankine cycle (ORC) uses an organic refrigerant as the working
fluid, it can produce electricity using a low-grade temperature heat source at 150 ◦C or
less [2].

ORC emits no pollutants while producing electricity and is eco-friendly, as it uses an
organic refrigerant with low global warming potential as the working fluid. ORC has been
mainly used in factories and in solar heat, geothermal heat, and biomass industries [3,4],
and its application range can be gradually expanded, as it can recover low-temperature heat
sources. ORC is an economical power generation system that can continuously produce
electricity using the pump power consumption alone if evaporation and condensation
conditions are satisfied. Various studies have been conducted to improve the efficiency of
the ORC under a constant-heat-source condition to generate more electricity.
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The working conditions and the organic refrigerant used as the working fluid are
representative factors affecting the ORC efficiency. Thus, numerous studies have already
been focused on these factors. There are, however, few studies on the performance of the
turbine in the ORC system. In the ORC, the turbine plays an essential role in converting
the heat recovered from a heat source into mechanical energy. Furthermore, the electrical
power output obtained through the turbine and generator directly affects the thermal
efficiency of the ORC. Therefore, the design of the turbine is crucial.

Li et al. [5] designed and built a low-temperature geothermal regenerative ORC system
with R123. As the mass flow rate was increased, both the turbine inlet pressure and turbine
rotation speed increased, whereas the regenerator efficiency exhibited the opposite trend.
The turbine power and isentropic efficiency were 6.07 kW and 58.53%, respectively, and the
efficiency of the regenerative ORC was 7.98%, which was higher than that of the basic ORC
by approximately 1.83%.

Peng et al. [6] investigated the performance of a kilowatt-class axial-flow turbine
and proposed a method for improving the turbine efficiency. The preliminary design
of the axial-flow turbine was performed for parameter optimization, and the effect of
the tip clearance and trailing edge thickness on the turbine performance was analyzed.
Consequently, the turbine efficiency could be improved significantly by reducing the tip
clearance and trailing edge thickness. When the clearance and trailing edge reached 0.1 mm,
the expected efficiency of the two-stage turbine was 82%, which was 33% higher than that
of the conventional type.

Fu et al. [7] designed and built a 250 kW ORC system that included a pump, preheaters,
evaporators, turbines, generators, condensers, and cooling water circulation systems. Re-
frigerant R245fa was used as the working fluid, and the maximum net power and system
thermal efficiency were 225 kW and 7.94%, respectively. Under this condition, the isen-
tropic efficiency of the turbine was 63.7% at a rotation speed of 12,386 rpm. Moreover,
experimental results showed that the system thermal efficiency and net power increased
linearly with increasing heat source temperature.

Pei et al. [8] illustrated a newly constructed kilowatt-scale ORC system with R123,
which adopted an innovative radial turbine. When the temperature difference between the
hot and cold sources was approximately 70 ◦C, the experimental results showed a turbine
isentropic efficiency and ORC thermal efficiency of 65% and 6.8%, respectively. In addition,
the turbine demonstrated adequate performance under off-design conditions, indicating
that it could be applied for small-scale ORCs.

Kang [9] developed an ORC capable of generating power using a low-temperature
heat source. R245fa was used as the working fluid, and a radial turbine coupled with a
high-speed generator was designed by considering the cycle conditions. In addition, the
efficiencies of the turbine and ORC and the power output of the ORC with respect to its
operating conditions were investigated experimentally. As a result, the maximum average
cycle, turbine efficiency, and power output were 5.22%, 78.7%, and 32.7 kW, respectively.
Further, Klonowicz et al. [10] presented a numerical analysis and preliminary experimental
results of a small-scale turbine with the corresponding design assumption and process, and
R227ea was used as the working fluid. At a rotation speed of 3264 rpm, the efficiency and
electrical power of the turbine were 53 ± 2% and 9.9 ± 0.2%, respectively.

Giovannelli et al. [11] designed a two-stage radial inflow turbine for small-scale
(<100 kW) ORC. The design process included a one-dimensional (1D)/two-dimensional
(2D) model and a three-dimensional (3D) computational fluid dynamics (CFD) model.
After the preliminary design, sensitivity analysis was performed by varying the relevant
geometric parameters to improve the design performance. Thereafter, the performance
maps of the two-stages were analyzed under off-design conditions. The efficiency of the
two-stages was approximately 80%, and the turbine power at the nominal point (total
expansion ratio 3.9) was 71.2 kW. Li et al. [12] presented results of an experimental study
performed on a prototype of an axial-flow turbine applied to an ORC system using R123 as
the working fluid. In the experiment, the turbine was tested under various conditions (inlet
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pressure: 0.6–1.5 MPa, inlet temperature: 80–150 ◦C, and rotation speed: 3010 rpm). The
isentropic efficiency of the turbine could reach 53% at an expansion ratio of approximately
11.0, and the maximum power generated by the turbine generator was 6.57 kW.

Jubori et al. [13] modeled a small-scale two-stage axial turbine and compared it with
a single-stage axial turbine to improve the ORC performance. To design the turbine, the
preliminary mean-line design approach was coupled with a 3D design, and numerical
analysis was performed. In addition, the effect of the turbine on the ORC cycle performance
was evaluated. They obtained an isotropic efficiency of the two-stage axial turbine of 83.94%,
a power output of 16.037 kW, and an ORC thermal efficiency of 14.19%, compared with
78.30%, 11.06 kW, and 10.5%, respectively, obtained from a single-stage axial turbine with
n-pentane as the working fluid.

Jubori et al. [14] explored the turbine design features to maximize the performance of
the ORC. For this purpose, in ORC modeling, mean-line design and 3D numerical analysis
were integrated for both micro-axial and radial turbines. Both configurations of the turbine
were designed in a mass flow rate range of 0.1–0.5 kg/s for five organic fluids (R141b,
R1234yf, R245fa, n-butane, and n-pentane). When n-pentane was used as the working
fluid, the maximum total-to-total efficiency and power output of the radial turbine were
83.85% and 8.893 kW, respectively, and those of the axial turbine were 83.48% and 8.507 kW,
respectively. In addition, the ORC thermal efficiencies were approximately 10.60% and
10.14% with radial and axial turbines, respectively.

Table 1 summarizes the characteristics (type, number of stages, rotational speed,
efficiency, and power output) of the aforementioned turbines and ORC thermal efficiency.
In particular, in the case of a single-stage axial turbines of 200 kW or less, high rotational
speed (>40,000 rpm) was applied to increase the efficiency [6,14–16]. However, a high-
rotational-speed turbine requires high-performance bearings such as frictionless bearings.

Table 1. List of recent studies on the characteristics of turbines applied to the ORC.

Authors

Turbine
ORC η

[%] [Ref.]Type
(Stage No.) Ω [rpm] η [%]

.
W [kW]

Li et al. Axial (1) 1600–3600 58.53 6.07 6.15–7.98 [5]
Peng et al. Axial (1–3) 150,000–190,000 75.8–81.6 18.34–19.0 - [6]

Fu et al. Axial (1) 12,386 63.7 219.5 ± 5.5 7.94 [7]
Pei et al. Radial (1) 20,000–25,000 65 1.36 6.8 [8]

Kang Radial (1) 20,000 78.7 32.7 5.22 [9]
Klonowicz et al. Axial (1) 3264 53 ± 2 9.9 ± 0.2 - [10]
Giovannelli et al. Radial (2) 23,000–27,000 80 71.2 - [11]

Li et al. Axial (1) 3010 53 6.57 - [12]
Jubori et al. Axial (2) 30,000 78.30–83.94 11.06–16.04 10.5–14.19 [13]

Bearings are one of the important components of a turbine system, which provide
the rotation of the turbine rotor. It can also affect turbine performance and turbine system
cost [17]. Bearings applied to turbine systems include ball bearings [18], rolling bear-
ings [19], hydrodynamic bearings [20], gas bearings [21,22], magnetic bearings [23,24], etc.
Under the high rotational speed of the turbine, the ball bearing technology is not practically
realizable because a considerable portion of the energy is lost due to friction [22,23]. There-
fore, frictionless bearings such as gas bearings and magnetic bearings are required for high
rotational speed conditions, and the turbine system manufacturing cost is high. The use of
ball bearings can reduce the cost; however, it lowers the turbine efficiency owing to the low
rotational speed. To address this trade-off, in the present study, a two-stage axial turbine
with high efficiency even at a low rotational speed (12,000 rpm) was developed. In the
developed turbine, ball bearings can be used. To design the high-efficiency turbine blade, a
turbine blade that minimized the pressure loss was designed first using the 1D mean-line
method. Based on the mean-line design results, a 3D blade geometry was designed, and
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numerical analysis was performed using commercial software packages. Furthermore,
the turbine performance under off-design conditions was analyzed using the numerical
analysis results, and the thermodynamic performance of the ORC with the designed turbine
was predicted.

2. Organic Rankine Cycle
2.1. Thermodynamic Description of the Rankine Cycle

The ORC consists of an evaporator, a condenser, a pump, and a turbine system, which
are arranged as shown in Figure 1. The evaporator vaporizes the working fluid through
heat exchange between the heat source and working fluid. The steam that passes through
the evaporator enters the turbine system and produces electricity by converting the thermal
energy of the working fluid into mechanical energy. The turbine system generally consists
of a turbine, a generator, and a shaft system. The turbine and the generator include multiple
stators and rotors. The shaft system comprises a shaft that is supported by a bearing. The
conventional structure and flow path of the turbine system are described in detail in a
previous study [25]. The condenser condenses the steam that passes through the turbine
into a liquid state again, and the working fluid is circulated by the pump. Points 1–4 in
Figures 1 and 2 represent the positions in the ORC layout.

Figure 2 shows a typical temperature–entropy diagram that represents the state of the
working fluid in the ORC. The region from point 1 to point 2 undergoes the isobaric heat
addition process in the evaporator where the working fluid reaches superheated vapor.
In the region from point 2 to point 3, the temperature and pressure of the working fluid
decrease because of the adiabatic expansion of the turbine. The region from point 3 to
point 4 undergoes the isobaric heat rejection process in the condenser where the working
fluid reaches saturated liquid. Finally, the region from point 4 to point 1 undergoes the
adiabatic compression process where the pressure of the working fluid is increased by
the pump. And, the point 1s and 3s represent the phase changes of the isentropic state.
Therefore, ORC is a thermodynamic cycle that includes the phase change of the working
fluid, and the isobaric and adiabatic processes are repeatedly performed.
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Table 2 shows the working condition parameters of the ORC system design. The target
output of the ORC system is 180 kW. In this instance, the turbine inlet temperature and
pressure are 85 ◦C and 0.75 MP, respectively. The turbine inlet temperature is determined
considering the heat exchange from a low-temperature geothermal heat source of approxi-
mately 100 ◦C [26,27]. In addition, the cold source temperature for condensation is assumed
to be the ambient temperature (20 ◦C) of water. The pump and generator efficiencies are
assumed to be 75% and 98%, respectively.

Table 2. Working condition parameters of the 180 kW ORC system.

Parameters Value

Working fluid R245fa
Inlet temperature, Tin [◦C] 85

Inlet total pressure, Pin [MPa] 0.75
Power output [kW] 180

Evaporator & Condenser Heat exchanger
Pump efficiency, ηp 0.75

Turbine type Axial-flow
Number of turbine stage 2

Turbine rotational speed [RPM] 12,000
Generator efficiency 0.98

Hot source temperature, TH [◦C] 100
Cold source temperature, TC [◦C] 20

2.2. Mathematical Formulation

The turbine includes irreversibility in the adiabatic process. It has isentropic efficiency,
which is defined as the ratio of real ∆h to isentropic ∆h. the turbine total-to-static efficiency
(ηt) and turbine work output (

.
Wt) are calculated as follows:

.
Wt =

.
m(∆h0) (1)

ηt =
(∆h)real

(∆h)isentropic
=

∆h0

h02 − h3s
(2)

Here, the subscript 0 means enthalpy based on total pressure,
.

m is mass flow rate, and
h3s is the enthalpy based on the static pressure of the turbine outlet in the isentropic process.
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The thermal efficiency of the ORC (ηth) is defined as the ratio of the network output
of the ORC system (

.
Wnet) to the heat input from the evaporator (

.
Qe), and is calculated

as follows:

ηth =

.
Wnet

.
Qe

(3)

The exergy efficiency of the ORC, ηex, is defined as the ratio of ηth to the Carnot cycle
efficiency, ηcar, and is calculated as follows:

ηex =
ηth
ηcar

(4)

ηcar =
TH − TC

TH
(5)

Here, ηcar is the ideal cycle with the maximum thermal efficiency, TH is the temperature
of the hot source, and TC is the temperature of the cold source.

2.3. Selection of the Working Fluid

ORCs can employ various organic refrigerants as working fluids, and the selection of
the working fluid is crucial, as it affects the performance of the ORC. Therefore, studies
have been conducted on various organic refrigerants. Hettiarachchi et al. [28] investigated
the exergy efficiency of the ORC for various working fluids, such as ammonia, HCFC-123,
n-pentane, and PF5050. In their study, the ammonia cycle efficiency was significantly
lower than that of the other working fluids. Dai et al. [29] analyzed the ORC efficiency
by considering 10 different working fluids under the same given waste heat condition.
The results showed that the exergy efficiency of the cycles with organic working fluids
was significantly better than that of the cycles using water. The exergy efficiency of the
cycle using R236EA was highest at 13.26%. Yamamoto et al. [30] performed a numerical
simulation and experiments to investigate the effect of working fluids (HCFC-123 and
water) on the ORC performance. According to the numerical analysis results, HCFC-123
exhibited higher turbine output than water. In addition, experimental results showed that
HCFC-123 significantly improved the cycle performance. In the present study, R245fa (HFC-
245fa) was selected as the working fluid to recover industrial waste heat at approximately
100 ◦C. It is an eco-friendly organic refrigerant [31] and is suitable for the recovery of
low-temperature heat sources, as its boiling point is 15.25 ◦C under atmospheric pressure.
Table 3 lists the thermodynamic properties of R245fa.

Table 3. Properties of working fluid R245fa [31].

Molecular
Mass

Critical
Temperature

Critical
Pressure

Evaporation
Temperature (at 1 atm) ODP GWP

134.05 g/mol 154.01 ◦C 36.51 bar 15.25 ◦C 0 1030

3. Mean-Line Design of the Turbine
3.1. Description of the Mean-Line Design

Preliminary design is an essential step in the development of a 3D blade. In the present
study, the preliminary design of the two-stage axial turbine was performed based on 1D
mean-line flow modeling. Mean-line flow modeling assumes a vortex-free and uniform
flow at the mid-span of the blade and provides us with various parameters such as size,
rotational speed, velocity triangle, efficiency, and power of the turbine. Therefore, the mean-
line flow modeling methodology has been used for the design of various turbine blades.
Jubori et al. [13,14] used mean-line flow modeling in the development of innovative axial-
and radial-flow turbines and considered velocity triangle and dimensionless parameters
as key factors in the design process. Tournier and El-Genk [32] designed a multistage
axial-flow turbine and compressor using mean-line through-flow analysis. They described



Energies 2023, 16, 7112 7 of 20

the detailed calculation procedure of the thermodynamic properties at the blade cascade
inlet and outlet, as well as the pressure loss coefficient in the blades. Sim et al. [25] designed
a 20 kW axial turbine based on mean-line flow modeling and used the generalized reduced
gradient (GRG) nonlinear algorithm to induce the minimum total pressure loss coefficient
through the mean-line design process.

3.2. Design Parameters and Velocity Triangle

The key parameters in the turbine design are the flow coefficient, Φ; loading (work)
coefficient, Ψ; and degree of reaction, Z. Each parameter is a dimensionless number and is
calculated as follows:

Φ = Vx
U = Vx

rmω , Ψ =
∆hstage

U2 =

.
Wt/(Nstage

.
m)

(rmω)2

Z = ∆Trotor
∆Tstage

= ∆Protor
∆Pstage

(6)

In these equations, U is the blade velocity, rm is the blade mean radius, ω is the angular
velocity, Vx is the meridional velocity, h is the enthalpy, and Nstage is the number of turbine
stages. Therefore, Φ and Ψ can directly affect the turbine mass flow rate and turbine power,
respectively. Z indicates the temperature (or pressure) difference in the rotor with respect
to the temperature (or pressure) difference in the stage, and it may affect the expansion of
the stator and rotor. If Z is small, the acceleration of the working fluid can be increased
because of an increase in the expansion at the nozzle [33].

Figure 3 shows the blade and velocity components of the two-stage axial turbine.
The single-stage turbine consists of a pair of stator and rotor cascades, and the two-stage
turbine has the first and second stages arranged in sequence. The leading edge refers to
the foremost edge of the blade, and the trailing edge—to the rearmost edge of the blade.
The chord, C, is the straight-line distance between the leading and trailing edges. The
axial chord, Cx, is the distance between the leading and trailing edges in the meridional
plane. The pitch, S, is the straight-line distance between the adjacent blades’ leading edges
in the blade cascade. The velocity triangle is an index that represents the velocity and
direction of the working fluid at the turbine cascade inlet and outlet, and it is calculated
using dimensionless numbers (Φ, Ψ, and Z) as follows [33,34]:

V2 = Vx
cosα2

, W2 = Vx
cosβ2

tanα2 = tanβ2 +
1
Φ , tanβ2 = Ψ/2−Z

Φ

(7)

V3 = Vx
cosα3

, W3 = Vx
cosβ3

tanα3 = tanβ3 − 1
Φ , tanβ3 = Ψ/2+Z

Φ

(8)
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Here, V is the absolute velocity of the working fluid, W is the relative velocity of
the working fluid with respect to rotor rotation, and α and β are the angles between the
meridional plane and V and W, respectively. In Figure 3, V1 is the absolute velocity of the
working fluid introduced into the first-stage stator, which is determined by the turbine
mass flow rate. The angle α1 was set to 0◦.

The specific speed of the turbine, Ns, is used for predicting the efficiency of the turbine
in the Balje diagram [35] and is defined as a dimensionless number as follows [36]:

Ns =
ΩQ1/2

∆Hs
3/4 (9)

Here, Q is the volume flow based on the exit conditions, ∆Hs is the isentropic specific
work based on the total pressure ratio, and Ω is the rotational speed of the turbine rotor.
Therefore, in the mean-line design process, the value of Ns varies depending on the thermo-
dynamic properties of the working fluid at the turbine blade inlet and outlet as well as Ω,
and a unique Ns value is derived according to the stage. According to Dixon and Hall [37],
the axial turbine reaches maximum efficiency in the Ns range from 0.3 to 1.5.

3.3. Loss Models

When the working fluid passes through the turbine blades, irreversible processes cause
pressure loss, which increases entropy and decreases the efficiency of the turbine. The total
pressure loss explains the direct loss of the total pressure when the working fluid passes
through the turbine cascade. The total pressure loss coefficient, Y, includes various loss
coefficients, such as profile, secondary flow, blade tip clearance, trailing edge, supersonic
expansion, shock, and lashing wire [38]. In the present study, four loss coefficients were
considered in the calculation of Y in the mean-line design process. In particular, the loss
calculation formula suggested by Kacker and Okapuu [39] was used. In turn, this formula
is based on the loss models of Ainley and Mathieson [40] and Dunham and Came [41]
(AMDC):

Y = Yp + Ys + YTC + YTET (10)

The profile loss coefficient, Yp, represents the loss generated at the turbine blade
surface and is calculated as follows [39–41]:

YP = 0.914
(

2
3

YP,AMDCKP + Yshock

)
f (Re) (11)

f (Re) =
(

Re
2 × 105

)−0.4
for Re ≤ 2 × 105 (12)

The secondary flow loss coefficient, Ys, is generated as the flow turns in the turbine
blade passage [30]. It is calculated as follows [39–41]:

Ys = 1.2(YS,AMDCKs) (13)

Ks = 1 − K3(1 − KP) (14)

The tip clearance loss coefficient, YTC, represents the loss that occurs in the gap
between the turbine and the casing. The loss increases with the gap. YTC is calculated as
follows [40,41]:

YTC = B
c
h

(
k
c

)0.78( CL
s/c

)2 cos2a2

cos3am
for B = 0.37(shrouded) (15)

k= (geometrical gap height)× (number of seals)−0.42 (16)
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The trailing edge loss coefficient, YTET , represents the loss caused by the influence of
the turbine trailing edge thickness on the flow path. The loss increases with the trailing
edge thickness. YTET is calculated as follows [38,42]:

YTET =
2∆Pt

ρW2
2
=

[
t2

s sinβg − t2

]2

(17)

∆Pt =
1
2

ρW2
2

 s sinβg(
s sinβg − t2

)
− 1

2

(18)

4. Flowchart of Turbine Design

Figure 4 depicts a flowchart that illustrates the turbine mean-line design and numerical
analysis performed herein. The turbine inlet temperature and pressure, as well as the
turbine power,

.
Wt, were selected based on the ORC operating conditions listed in Table 2,

whereas the rotational speed of the rotor, Ω, was fixed at 12,000 rpm. The turbine mean
radius, rm, and velocity triangle were then calculated by selecting the initial values of the
mass flow rate, flow coefficient, loading coefficient, and degree of reaction. In addition, to
increase the efficiency of the turbine, design parameters that minimized the total pressure
loss coefficient, Y, such as chord, axial chord, and pitch, were selected. To this end, an in-
house code, introduced in a previous study [25], that includes the GRG nonlinear algorithm
was applied in the mean-line design process. The code determines design parameters
that minimize the Y value based on the aspect ratio, solidity, and Zweifel blade loading
coefficient. In the present study, the aspect ratio ranged from 1.0 to 2.0 [43], the solidity from
1.2 to 1.8 [44], and the Zweifel blade loading coefficient from 1.0 to 2.0 [45]. The solution
was obtained by numerical differentiation based on the centered divided difference scheme,
and a tolerance of 10−3 was selected as the convergence criterion. The GRG nonlinear
algorithm is significantly affected by the initial values, and the calculation most likely
will stop at a region other than the global optimum solution. However, the algorithm
is a powerful tool in the turbine mean-line design because it can rapidly identify a local
optimum solution near the initial conditions. The reliability of the GRG nonlinear algorithm
applied to the in-house code was verified because it used commercial code provided by
Microsoft Excel 2016.

The specific speed, Ns, varied based on the mass flow rate when the turbine inlet
conditions,

.
Wt, and Ω, were constant. The mass flow rate was adjusted within the range

that satisfied the recommended range of Ns from 0.3 to 1.5 [37]. Three-dimensional blade
modeling was performed based on the 1D blade geometric parameters selected as op-
timal values through the in-house code. In the present study, SoftInWay AxSTREAM
(version 3.9.12) was used to perform 3D blade modeling. In addition, Siemens Simcenter
STAR-CCM+ (version 2019.1) was used for numerical analysis of the completed turbine 3D
blade geometry. Finally, the performance of the turbine was evaluated using the numerical
analysis results for the 3D turbine blade.



Energies 2023, 16, 7112 10 of 20
Energies 2023, 16, 7112 10 of 20 
 

 

 
Figure 4. Flowchart of the turbine mean-line design and numerical analysis. 

The specific speed, 𝑁௦, varied based on the mass flow rate when the turbine inlet 
conditions, 𝑊ሶ ௧, and 𝛺, were constant. The mass flow rate was adjusted within the range 
that satisfied the recommended range of 𝑁௦ from 0.3 to 1.5 [37]. Three-dimensional blade 
modeling was performed based on the 1D blade geometric parameters selected as optimal 
values through the in-house code. In the present study, SoftInWay AxSTREAM (version 
3.9.12) was used to perform 3D blade modeling. In addition, Siemens Simcenter STAR-
CCM+ (version 2019.1) was used for numerical analysis of the completed turbine 3D blade 
geometry. Finally, the performance of the turbine was evaluated using the numerical anal-
ysis results for the 3D turbine blade. 

5. Numerical Analysis Procedures 
In the turbine mean-line design, the turbine efficiency can be calculated by evaluating 

the thermodynamic state and velocity of the working fluid at the turbine inlet and outlet. 
Because the turbine blade has a 3D geometry, the turbine performance cannot be 

Figure 4. Flowchart of the turbine mean-line design and numerical analysis.

5. Numerical Analysis Procedures

In the turbine mean-line design, the turbine efficiency can be calculated by evaluating
the thermodynamic state and velocity of the working fluid at the turbine inlet and outlet.
Because the turbine blade has a 3D geometry, the turbine performance cannot be accurately
predicted through the 1D mean-line design. Therefore, in the present study, the 3D blade
geometry was modelled in detail based on the mean-line design, and numerical analysis
was conducted to predict the performance of the turbine more accurately. First, SoftInWay
AxSTREAM (version 3.9.12) was used to convert the 1D mean-line design results into 3D.
In the 3D design of the turbine blade, the thickness, gap, and angle of the blades were
modified in detail according to the spanwise direction. Figure 5 shows the 3D-modeled
blade geometry of the two-stage axial turbine. For the designed 3D blade, a twist was
applied in the spanwise direction, and the rotor rotated in the counterclockwise direction.
The height of the blade was gradually increased in the axial direction for the expansion
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of the working fluid. In this instance, the blade mean radius remained constant. As
shown in Figure 5, a pair of blades was used as a domain for the numerical analysis in the
present study. This is because the analysis time was shorter than in the full-scale domain
that included all blades. The analysis reliability could be improved by constructing a
denser grid.
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Siemens Simcenter STAR-CCM+ (version 2019.1) was used in the present study to
conduct numerical analysis on the designed 3D turbine blade geometry. Numerical analysis
included meshing, solution, and post-processing procedures. First, a grid was generated
around the turbine blade, as shown in Figure 6. As the intensity of the turbulence is high
around the turbine blade, a grid should be constructed close to the blade boundary layer.
Therefore, in the present study, the dimensionless wall distance, y+, was set to 1 or lower.
A small y+ value indicates that the distance from the blade wall to the center of the closest
grid decreases. A complicated turbulence flow requires a very fine grid near the blade wall,
so that y+ < 1 [46,47]. However, if all grids around the blade are dense, the number of grids
becomes large, increasing the analysis time. Therefore, as shown in Figure 6, grids were
generated so that their density gradually decreased with increasing distance from the blade
boundary layer. In the present study, a total of 750,000 grids were generated based on a
pair of blades.

In the turbine simulation, the flow was assumed 3D, compressible, steady-state, and
viscous. The working fluid was R245fa, and its properties were obtained from the National
Institute of Standards and Technology (NIST) REFPROP database (version 10.0) and were
applied to the software using the real gas equation of the state model. In addition, a
stagnation inlet condition was set for the inlet, and a static pressure outlet condition for
the outlet. A no-slip adiabatic condition was set for the blade wall. For the complex
flow analysis around the blade, the shear stress transport (SST) k–ω turbulent model,
based on the Reynolds-averaged Navier–Stokes (RANS), model was selected [48,49]. This
model is based on a two-equation eddy-viscosity model, which is a combination of the
Wilcox [50] k–ω model near the wall and the k–ε model at a remote boundary [51,52]. The
convergence criterion of the simulation was decided considering that the root mean square
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error decreased under a value of 10−3. The equations of the SST k–ω turbulent model are
as follows:

Dρk
Dt

= τij
∂ui
∂xj

− ρβkω +
∂

∂xj

[(
µ +

µt

σk

)
∂k
∂xj

]
(19)

Dρω

Dt
=

γ

νt
τij

∂ui
∂xj

− ρβω2 +
∂

∂xj

[(
µ +

µt

σω

)
∂ω

∂xj

]
+ 2ρ(1 − F1)σω2

1
ω

∂k
∂xj

∂ω

∂xj
(20)

Here, k is the turbulent kinetic energy, µt is the turbulent viscosity, and ω is the
turbulent energy dissipation rate. The Reynolds stress tensor, τij, is expressed using
Boussinesq’s eddy-viscosity concept as follows:

τij = 2µtSij −
2
3

ρkδij (21)

Here, Sij is the time-average strain rate tensor, and δij is the Kronecker delta.
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6. Results and Discussion
6.1. Validation

The mean-line design procedure performed in the present study was verified through
a previous study [25]. In the experimental model for the verification, the two-stage turbine
geometry and experimental results presented by Kofskey and Nusbaum [53] were used.
Figure 7 shows the turbine total-to-static isentropic efficiency, ηt, for the flow coefficient.
The experiment results [53] were compared with the 1D mean-line design results. The
tendencies in the graphs of the two cases showed good agreement with insignificant errors.
When the flow coefficient was 0.61, ηt was approximately 79% for the experimental results
and 76% for the mean-line design results. The errors arose due to the difference in the
turbine blade dimensions; thus, the obtained errors are reasonable.
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6.2. Mean-Line Design

Table 4 shows the main parameters and corresponding results of the mean-line-
designed two-stage axial turbine rotor. The blade mean radius was 70.89 mm, and this
value was applied to the stator and rotor of each stage in the same manner. In addition,
the tip clearance height of the rotor was designed to be 0.5 mm. The turbine efficiency
could be increased by decreasing this value, but the manufacturing limitation of the range
was considered. In the present study, for the design of a 180 kW axial turbine, the loading
coefficient, Ψ, was set to 1.18. According to Equation (6), the rotational speed of the two-
stage axial turbine at constant Ψ is 12,000 rpm, but the rotational speed is approximately
17,000 rpm when the single-stage is applied. A two-stage turbine was implemented in
the present study because of the reduction in rotational speed, as compared with that of a
single-stage turbine. Consequently, the results presented in Table 4 were used as the basis
for the 3D turbine design.

Table 4. Mean-line design results for the two-stage axial turbine rotor.

Design Parameters Value
First-Stage Second-Stage

Flow coefficient, Φ 0.27
Loading coefficient, Ψ 1.18
Degree of reaction, Z 0.50

Blade mean radius, rm [mm] 70.89
Number of blades 59 63

Axial chord, Cx [mm] 9.23 8.13
Chord, C [mm] 11.28 10.57
Pitch, S [mm] 7.92 7.41

Zweifel blade loading coefficient 1.03 1.00
Tip clearance height [mm] 0.50

Trailing edge thickness [mm] 0.142 0.135

Figure 8 shows the turbine blade mean radius, rm, for the turbine mass flow rate,
.

m. Equation (6) was used to calculate rm. In this instance, the turbine power,
.

Wt, was
180 kW, and the rotational speed, Ω, was 12,000 rpm. Consequently, under a constant-Ψ
condition, rm gradually decreased as

.
m was gradually increased. This was because of the

difference in total enthalpy: ∆h decreased, and thus rm also decreased if
.

Wt was fixed and
.

m was increased according to Equation (6). In the present study,
.

m was 9.61 kg/s at the
design point, and in this instance, rm was 70.89 mm. These results were obtained for the
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two-stage turbine. For the single-stage turbine under the same turbine output conditions,
rm increased.
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The specific speed of the turbine, Ns, could be calculated using Equation (9). In
Figure 9, Ns was calculated according to

.
m when Ω was 12,000 rpm and

.
Wt was 180 kW

based on the single-stage. As
.

m increased, Ns increased. At the design point (
.

m = 9.61 kg/s),
Ns was 0.83 for the first-stage turbine and 1.07 for the second-stage turbine. The Ns of the
first-stage turbine was lower than that of the second-stage turbine because of the density of
the working fluid, which was affected by the temperature and pressure at the corresponding
points. The density at the turbine first-stage outlet was higher than that at the second-stage
outlet. Consequently, if Ω and

.
Wt were constant, Ns also increased with

.
m. As the flow

rate was increased to 11.2 kg/s or higher, second-stage Ns exceeded 1.2. Because
.

m directly
affected Ns in the turbine mean-line design procedure, an appropriate flow rate had to be
selected to obtain results that satisfied the recommended range from 0.3 to 1.5 [37].
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6.3. Numerical Analysis

The state of the working fluid passing through the turbine and the performance of
the turbine were predicted by conducting numerical analysis on the designed 3D turbine
geometry. Figure 10 shows the temperature of the working fluid passing through the
turbine blades. The turbine inlet temperature is approximately 85 ◦C, and the temperature
gradually decreases as the fluid passes through the turbine blades. This phenomenon
occurs as the thermal energy received from the heat source is converted into mechanical
energy during the turbine operation, and the temperature decrement increases as the work
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performed by the turbine increases. In the case of the turbine designed in the present study,
the temperature decreased by approximately 35 ◦C while the working fluid passed through
the turbine. Figure 11 shows the pressure of the working fluid passing through the turbine
blade. Similar to the temperature trend, the pressure of the working fluid passing through
the turbine blade gradually decreased. Based on the turbine inlet total pressure of 0.75 MPa,
the total-to-static pressure ratio of the designed turbine was 3.0, and thus the pressure of
the working fluid passing through the second-stage rotor was approximately 0.25 MPa.
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Figure 12 shows the turbine total-to-static isentropic efficiency, ηt, with respect to
the number of grids for the numerical analysis on the designed 3D turbine. Here, ηt
was calculated based on the turbine inlet total pressure and turbine outlet static pressure.
Consequently, as the number of grids gradually increased, the reliability of the analysis
improved, simultaneously increasing ηt. When the number of grids reached approximately
680,000, ηt converged to some value and remained constant. Therefore, in the present study,
750,000 grids were used for predicting the performance of the designed turbine.

Furthermore, ηt predicted using numerical analysis was compared with the mean-line
design result presented in Figure 13. When ηt is examined based on the turbine total-to-
static pressure ratio, PR, the two efficiency curves have similar trends, and the peak ηt
occurs near PR 3.0 in both cases. Based on the turbine design point (Ω 12,000 rpm and PR
3.0), ηt predicted using the mean-line design is 86.7%, which is slightly higher than the
numerical analysis result. This is because the numerical analysis uses the 3D turbine blade
and, thus, reflects more losses than the 1D mean-line design.
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The off-design analysis of ηt was conducted according to the rotational speed, Ω,
and PR, using numerical analysis. The results are presented in Figure 14. A unique peak
ηt appears for each Ω, and peak ηt appears at higher PR with increasing Ω. When the
turbine PR increases to 3.2 or higher, ηt is higher with increasing turbine Ω. Consequently,
ηt predicted at the turbine design point (Ω = 12,000 rpm and PR = 3.0) is 85.1%, and
ηt is predicted to be 84.8% and 82.7% when the Ω value is 13,200 rpm and 9600 rpm,
respectively. In Figure 15, the turbine power,

.
Wt, is predicted according to the turbine PR

and Ω. Regardless of the turbine Ω,
.

Wt increases with PR. This is because the turbine mass
flow rate,

.
m, increases with PR. If

.
m is increased,

.
Wt also increases according to Equation (1).

When the turbine PR is increased to 3.2 or higher,
.

Wt increases with increasing turbine Ω.
This trend coincides with that of ηt in Figure 13. Based on the turbine Ω of 12,000 rpm,

.
Wt

increases to approximately 217 kW when the PR is increased to 4.0. Therefore,
.

Wt can be
increased by increasing the turbine PR. For a fixed turbine geometry, however, the PR can
be increased only within a limited range. Consequently, for the designed turbine,

.
Wt is

predicted to be 176.1 kW at the design point (Ω = 12,000 rpm and PR = 3.0).
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6.4. ORC Thermal Efficiency

The working condition parameters selected in Table 2 were used for the ORC system
design. In this instance, the numerical analysis results were used for the efficiency and
output of the turbine. As shown in Figure 16, the thermal efficiency and exergy efficiency
of ORC are predicted to be 7.40% and 34.49%, respectively. In this instance, the temperature
of the working fluid at the condenser outlet is assumed to be 25 ◦C considering the heat
exchange from the cold source. In addition, the heat transfer capacity of the evaporator is
designed to be 2.26 MW, and that of the condenser is 2.11 MW. When the pump efficiency is
75%, the power consumption of the pump is 5.03 kW. Considering a generator efficiency of
98%, the net power of the ORC system is 167.5 kW. In this instance, the mechanical efficiency
of the ORC system is neglected. The thermal efficiency of the ORC can be increased by
minimizing the supercooling of the working fluid in the condenser. When the temperature
of the working fluid at the condenser outlet is assumed to be 35 ◦C, the thermal efficiency
and exergy efficiency of the ORC are improved to 7.83% and 36.54%, respectively.
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7. Conclusions 
The design of the turbine that converts thermal energy into electrical energy is spe-

cifically important among the other components of the ORC. In the present study, a 180 
kW two-stage axial turbine yielding high-efficiency even at a low rotational speed (12,000 
rpm) was designed. If the rotational speed of the turbine is decreased, ball bearings can 
be used, thereby reducing the turbine system manufacturing cost. Herein, to design a 
high-efficiency turbine, design parameters that minimized the total pressure loss coeffi-
cient were determined using an in-house code that included the GRG nonlinear algorithm 
in the mean-line design process. Based on the results of 3D numerical analysis, the total-
to-static isentropic efficiency and electrical power of the designed turbine were predicted 
to be 85.1% and 176.1 kW, respectively. Furthermore, an ORC was designed, and its per-
formance was predicted using the numerical analysis-based turbine performance results. 
When the condenser outlet temperature was assumed to be 25 °C, the thermal efficiency 
and exergy efficiency of the ORC were 7.40% and 34.49%, respectively. This study implies 
the applicability of various rotational speed and number of stages for an axial turbine in 
the ORC. In the future, the performance of the two-stage axial turbine will be verified via 
an air similarity test. 

Author Contributions: Conceptualization, J.-B.S. and Y.W.K.; methodology, J.-B.S. and Y.W.K.; soft-
ware, J.-B.S. and S.-J.Y.; validation, J.-B.S. and S.-J.Y.; formal analysis, J.-B.S.; investigation, J.-B.S.; 
resources, J.-B.S.; data curation, J.-B.S. and S.-J.Y.; writing—original draft preparation, J.-B.S.; writ-
ing—review and editing, J.-B.S. and Y.W.K.; visualization, J.-B.S.; supervision, Y.W.K.; project ad-
ministration, J.-B.S. and Y.W.K.; funding acquisition, Y.W.K. All authors have read and agreed to 
the published version of the manuscript. 

Funding: This research was funded by the Korean government (Ministry of Trade, Industry and 
Energy), grant number 20222020800130. 

Data Availability Statement: Not applicable. 

Acknowledgments: This work was supported by the Korea Institute of Energy Technology Evalua-
tion and Planning(KETEP) grant funded by the Korean government (MOTIE) (20222020800130, De-
velopment and demonstration of hybrid power system using ORC (Organic Rankine Cycle) and 
TEG (Thermoelectric Generator) for low and medium temperature industrial waste heat recovery). 

Conflicts of Interest: The authors declare no conflict of interest. 

References 
1. Loni, R.; Najafi, G.; Bellos, E.; Rajaee, F.; Said, Z.; Mazlan, M. A Review of Industrial Waste Heat Recovery System for Power 

Generation with Organic Rankine Cycle: Recent Challenges and Future Outlook. J. Clean. Prod. 2021, 287, 125070. 
https://doi.org/10.1016/j.jclepro.2020.125070. 

Figure 16. Thermal efficiency and exergy efficiency of the ORC.

7. Conclusions

The design of the turbine that converts thermal energy into electrical energy is specifi-
cally important among the other components of the ORC. In the present study, a 180 kW
two-stage axial turbine yielding high-efficiency even at a low rotational speed (12,000 rpm)
was designed. If the rotational speed of the turbine is decreased, ball bearings can be
used, thereby reducing the turbine system manufacturing cost. Herein, to design a high-
efficiency turbine, design parameters that minimized the total pressure loss coefficient
were determined using an in-house code that included the GRG nonlinear algorithm in the
mean-line design process. Based on the results of 3D numerical analysis, the total-to-static
isentropic efficiency and electrical power of the designed turbine were predicted to be
85.1% and 176.1 kW, respectively. Furthermore, an ORC was designed, and its performance
was predicted using the numerical analysis-based turbine performance results. When
the condenser outlet temperature was assumed to be 25 ◦C, the thermal efficiency and
exergy efficiency of the ORC were 7.40% and 34.49%, respectively. This study implies the
applicability of various rotational speed and number of stages for an axial turbine in the
ORC. In the future, the performance of the two-stage axial turbine will be verified via an
air similarity test.
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